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1. Introduction
Wheel hub motors, also known as in-wheel motors, 

have garnered significant attention recently as a drive 
unit suitable for the diversification of cars. This is due 
to their being applicable to various drive types, such as 
HEVs, EVs, and FCVs, without depending on their body 
structure.

Wheel hub motors can benefit the environment by 
reducing the energy consumption of cars due to their 
reduced weight, so they can reduce drivetrain parts 
including engines and transmissions. Safety is also 
enhanced because the drive torque from each wheel can be 
controlled at will. Furthermore, comfort is improved since 
indoor space can be enlarged.

Yet despite these advantages, designing and 
manufacturing lighter, smaller wheel hub motors that 
fully meet both the required driving capability and the 
mountability near the wheels are extremely difficult, 
which is why they have not been put into wide use.

To address these problems, we the authors developed a 
wheel hub motor consisting of two motors. In this article, 
we introduce our proposal for the structure of the wheel 
hub motor, transmission mechanism, and control methods 
as well as test vehicle results.

2. Transmission Mechanism Requirements 
for Electric Vehicles (EVs)

Most of the electric drive units currently equipped with 
EVs have fixed stage reducers rather than transmissions. 

Generally, the ideal driving performance diagram for 
vehicles and torque-speed performance diagram of an 
e-motor are not similar in shape. Therefore, when using 
a fixed-stage reducer and gaining the necessary driving 
performance, excess motor power generators and motor 
size are also enlarged.

This is described in Figure 1 (a). Striving to gain this 
necessary level of driving performance requires larger 
motors, and this is not favorable for drive units that must 
be compact and light-weight in relation to wheel hub 
motors.

On the other hand, Figure 1 (b) shows the desired 
driving performance and torque-speed performance of a 
motor for vehicles with a two-speed transmission. Wheel 
hub motors can be downsized since the maximum output 
of vehicles and output performance with which the motor 
and transmission are combined often correspond, and 
excess power can be reduced as shown in Figure 1 (a). 
Also, as the areas with high motor efficiency are expanded, 
and those that are constantly used for driving performance 
diagrams draw near, not only the efficiency of EVs can 
be improved; their cruising distance will inevitably be 
extended as well.

3. Structure and Features of the Wheel 
Hub Motor Consisting of Two Motors

As shown in Figure 2, the wheel hub motor consisting 
of two motors is comprised of two inner type rotors, 
transmission consisting of two planetary gear sets, and a 
one-way clutch unit as well as a hub unit bearing with a 

built-in final speed reducer. The transmission is placed at 
the bore of the two motors. The one-way clutch unit is used 
to shift operation and regulates the rotational direction of 
a single pinion planetary gear carrier. While the output of 
the transmission is reduced by approximately one-fourth 
by the hub bearing with a built-in final speed reducer 
mounted to the suspension upright, it amplifies the torque 
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reversing impossible. The reason for this is the one-way 
clutch unit regulates the rotational direction of the single 
pinion planetary gear’s carrier (C1) in one direction. 
Therefore, if the rotational direction of the wheel for 
forward is defined as CW and that of the wheel for reverse 
is defined as CCW, the reverse operation requires that 
the rotational speed ratio of the two motors is maintained 
within a certain range in a way that avoids engaging the 
one-way clutch by turning motor A and motor B in the 
direction of CCW and CW, respectively.

When the rotational speed of motor A and motor B 
remains within the area (a) of Figure 7, a wheel rotates in 
the reverse direction. On the other hand, if the rotational 
speed of motor A and motor B remains within the area 
(b), a wheel rotates in the forward direction. However, 
in the case of the area (c) in which the one-way clutch is 
engaged, the rotational speed of motor A and motor B 
will never become area (c). The boundary of each area is 
uniquely determined by the gear ratio that constitutes the 
transmission.

and is transmitted to the wheel. Figure 3 shows the 
construction of the wheel hub motor. Gear construction of 
the wheel hub motor is shown in Figure 3 as well as major 
specifications for each wheel in Table 1.

The weight of the wheel hub motor consisting of two 
motors can be reduced by 30% if it achieves the same 
level of performance as one motor and fixed-stage reducer 
combined. Moreover, the wheel hub motor consisting 
of two motors achieves gear shifting by controlling the 
rotational direction and speed of these motors.

 More specifically, three options are selectable as follows:
(1) Low speed and low mode of large torque
(2) High speed and high mode of small torque
(3) Reverse

4. Shift Mechanism of the Wheel Hub 
Motor

4.1 Low mode operation

Figure 4 is a lever diagram for low mode that describes 
the rotational direction and torque direction of each point. 

Motor A and motor B have to rotate in opposite 
directions in order to engage the one-way clutch unit and 
move the support point of the double pinion planetary 
ring gear (R2) to the forward side. Also, slightly shifting 
the supporting point (R2) of the double pinion planetary 
gear against the supporting point (C1) of the one-way 
clutch unit (making a slight difference between the gear 
ratio of the single pinion planetary gear and the gear ratio 
of the double pinion planetary gear) achieves the ideal 
speed reduction ratio. At low mode, when transmitting 
the power of motor A into the ring gear (R2) of the double 
pinion planetary gear, some power flows from the double 
pinion planetary gear’s carrier (C2) into the single pinion 
planetary unit’s ring gear (R1) and once again forms a 
power circulation passage that drives the single pinion 
planetary unit’s sun gear (S1). In low mode to engage the 
one-way clutch unit, the rotating speed ratio of motor 
A and motor B is constant. Also in this mode, moving 
forward is possible as long as either motor A or motor B 
is functioning properly, which makes it advantageous in 
terms of fail-safe.

4.2 High mode operation

In high mode, since the torque direction of motor B is 
the same as that of motor A and the one-way clutch unit 
is separated, the carrier of the single pinion planetary 
gear can be freely rotated. This is when the power 
circulating passage from the ring gear of the single pinion 
planetary gear to the sun gear disappears. As a result of 
its disappearance, the lever diagram for high mode has 
become Figure 5.

As the power of motor A is transmitted to the sun gear 
(S2) of the double pinion planetary gear, while that of 
power B is being transmitted to the carrier (C2) of the 
double pinion planetary gear, it is outputted from the 
double pinion planetary gear to the final speed reducer. 
If at this time the torque direction of the two motors is 
the same, the motor is designed to turn to high mode 
regardless of the rotational direction of motor B.

4.3 Reverse mode operation

Figure 6 shows a lever diagram for reverse mode. The 
condition in reverse mode is essentially the same as that 
in high mode, apart from the wheel’s rotational direction, 
since the one-way clutch is separated. Turning the sun 
gear (S3) of the final speed reducer and ring gear (R2) 
of the double pinion planetary gear for the reverse side 
is necessary in order to reverse the vehicle; however, 
setting the two motors at the same rotating speed makes 
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Item Value

Max. power 25 kW

Max. torque (Low mode) 850 Nm

Max. torque (High mode) 400 Nm

Max. vehicle speed 135 km/h

Table 1  Major specifications of the developed wheel hub motor
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6. Driving Test Results

6.1 High/Low shifting test results

Figure 10 shows the test results for upshift from low 
mode to high mode. Upshifting starts at 0 sec, low mode 
at 0 sec, and high mode after 0 sec. Until 0 sec, both 
motor A and motor B rotate in reverse by torque control. 
Immediately after the shifting starts from low mode to 
high mode at 0 sec, the rotating speed of motor A and 
motor B continues to change until they finally correspond. 
There is no discontinuity in wheel speed before or after 
the shifting. Furthermore, no shift shock can be confirmed 
since there is no major change in the front-back direction 
accelerations of the vehicle.

Figure 11 shows the test results for downshift from high 
mode to low mode. The downshifting starts at 0 sec. Before 
0 sec, or high mode, the transition mode starts at 0 sec, 
and then low mode after 0 sec. At 0 sec, motor B switches 
from speed control to torque control. Then, torque demand 
of motor A and motor B adjusts the output so that wheel 
torque becomes the same as the one in high mode before 
shifting starts. More specifically, 0.7 times more torque 
demand set from the accelerator pedal angle in low mode 
is sent to motor A as well as 0.1 times more the one that 
is sent to motor B, which is maintained until the one-way 
clutch is engaged. During this process, motor A rotates 
in reverse from motor B. When the one-way clutch is 
engaged, the rotational speed ratio of motor A and motor 
B becomes that of low mode. At and after 200 ms, at which 
point a sufficient amount of time has passed to engage the 
one-way clutch, torque demand for these two motors must 
be gradually increased in order to correspond to that set by 
the accelerator pedal angle. During the series of control, 
there is no discontinuity in wheel speed between the start 
and completion of the shifting. Also, no shift shock can be 
confirmed since there is no large spike-shaped waveform, 
although a slight fluctuation in the front-rear direction is 
detected immediately after the shifting starts.

6.2 Driving test results in reverse mode

Figure 12 shows the test results for operation in reverse. 
The target value for rotating the speed of motor A and 
motor B is set on the straight line that passes through 
the center of the area (a) in Figure 7. This is to secure 
a margin by avoiding infiltration outside of the area 
(a) where reversing is possible, since the motor speed 
breaks the speed relationship between the two motors 
by disturbance at times of extremely low speed. It was 
verified that the wheel can be rotated in the reverse 
direction if motor A and motor B are driven through 
targeting on the straight line. It was also confirmed 
that although the accelerator pedal is reversed at 5 sec, 
vehicle speed can be smoothly reduced by restricting the 
change ratio of demand without sensitively following the 
accelerator pedal angle.
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Fig. 12  Test results for operation in reverse
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7. Conclusion
With the development of the wheel hub motor consisting 

of two motors, basic performance was verified using a 
prototype-equipped test vehicle. Through this test, we 
confirmed not only basic functions, such as low mode, high 
mode, and reversing, but also shifting without shock while 
driving.

This development was undertaken with the aim of 
commercializing machine elements used for the wheel hub 
motor unit, and they include:

1. Hub unit bearings with a built-in speed reducer
2. Miniature cage and roller for planetary gears
3. One-way clutch unit
4. Corrosion resistant insulation bearings
Throughout our development of wheel hub motors, 

we shall continue to endeavor to reach the most current 
levels of performance required for next-generation 
machine elements and be fully prepared for the practical 
application of these motors.
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1. Introduction
The traction drive device transmits power through an 

oil film generated at the contact portion formed when the 
smooth surfaces of a pair of rolling elements are pressed 
against each other. It has features such as low noise and 
low vibration, and it is capable of continuously variable 
transmission. Taking advantage of these features, the 
traction drive device is used as an increase/reduction 
gearbox and as the transmission of automobiles, aircraft, 
and various other industrial machines.

One of the traction drive devices is the toroidal 
continuously variable transmission shown in Figure 1. As 
shown in the drawing, the toroidal continuously variable 
transmission can change the gear ratio (iv = R2/R1) in a 
stepless manner by changing the tilt angles of the rollers, 
that is, by changing the distances (rotation radii R1 and 
R2) from the disc rotation shaft to the contact point.

An elastic fluid lubricating film is formed at the contact 
portion of the paired rolling elements (discs, rollers) 
rotating while receiving a clamping force, Fc, and a 
tangential force (traction force Ft) generated as the shear 
resistance of the oil film is transmitted between the 
rotating bodies. This traction force Ft is proportional to 
the clamping force Fc, and its proportionality constant is 
called a traction coefficient (μ = Ft /Fc). In addition, the 
peripheral velocity U2 of the driven side rolling element 
slightly lags behind the peripheral velocity U1 of the 
driving side rolling element. In this article, the ratio of the 
peripheral velocity difference (ΔU = U1 − U2) to the driving 
side rolling element peripheral velocity is defined as the 
creep rate (Cr = ΔU / U1).

It is known that the traction coefficient μ shows a 
change, as shown in Figure 2, depending on the creep rate 
Cr, and this μ−Cr curve is called a traction curve. As shown 
in the drawing, the traction coefficient linearly increases 
(linear region) as the creep rate increases and gradually 
tends to decrease after indicating the maximum value 
(μmax) while gradually decreasing the gradient. A decrease 

in the traction coefficient with respect to an increase in 
the creep rate means that excessive slipping will occur in 
the rolling elements and disable the power transmission, 
a condition that must be avoided. More specifically, the 
traction coefficient ( μd = Tr / (R · Fc)) of the operating 
point in the drive conditions (transmission torque; Tr, 
clamping force; Fc, and contact point turning radius; R) 
must fall, as shown in Figure 2, within the linear region.

It is known that the shape of the traction curve varies 
depending on operating conditions (oil temperature, 
peripheral velocity, contact pressure, spin, etc.) other 
than the creep rate1–11). Therefore, in determining the 
clamping force Fc to be given to the traction drive device, 
it is necessary for μd, in consideration of the change in the 
shape of the curve depending on the operating conditions, 
to have a sufficient margin with respect to μmax under 
any operating conditions. In order to set this margin to 
the safe side, that is, to reduce μd, it is only necessary to 
increase Fc as apparent from the above related equation 
(μd = Tr / (R·Fc)). However, if Fc is increased unreasonably, 
the size and weight of the device must be increased to 
accept the increased Fc, which leads to a reduction in 
transmission efficiency and lifespan. Therefore, in order 
to guarantee the function and improve the performance 
(compactness/lightweight and high efficiency) of the 
traction drive device, it is necessary to determine the 
optimal specifications by accurately grasping shapes of 
the traction curves, which are anticipated for an actual 
machine.

Many methods of estimating traction curves have 
been proposed11–18), one of which is the method based 
on creep theory18). This method, which is an applied 
version of the theory19) used for evaluating driving and 
braking forces between the rail and railway in railroad 
facilities, is said to be simple because it has few free 
parameters of the mathematical model (rheology model 
of oil film) used in the calculation when compared to 
the other methods. Although there is only one free 
parameter requiring identification using experimental 
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results (limiting shear stress), this has a temperature 
dependency. The relationship between limiting shear 
stress and temperature is expressed as a function of the 
creep rate obtained from the actual measurement result of 
the traction curve (regression curve of the traction curve 
negative gradient part), and this is considered in the 
rheology model. (For more details, see Section 3.)

Incidentally, when identifying the free parameters of the 
rheology model, it is convenient to use the traction curve 
acquired from element testing machines (for example, 
four-cylinder testing machine7–8) and two-cylinder testing 
machines9–11), which are simpler in rolling element shape 
than the actual machine). The reason is that eliminating 
the deformation and other effects of rolling elements as 
much as possible and obtaining free parameters as values 
specific to the oil film by eliminating the deformation 
of and other effects on the rolling elements as much as 
possible can be applied to various actual machines with 
different rolling element shapes. From such a practical 
point of view, there is room for improvement in the above 
conventional method in which the limiting shear stress of 
oil is taken into consideration as a function of the creep 
rate. Because if the rolling elements have different shapes 
and sizes (different heat capacities), there is a difference 
in temperature rise with respect to the creep rate, and 
therefore it is considered that a difference also occurs in 
the relationship between the limiting shear stress and the 
creep rate. More specifically, according to the conventional 
method, it is necessary to measure the traction curve for 
each target model and to previously obtain the regression 
curve of the negative gradient part. 

Therefore, this paper makes a proposal of a traction 
curve estimation method as an applied version of the 
conventional method based on creep theory. In the 
proposed method, a traction curve is estimated while 
obtaining the oil film temperature rise with the creep rate 
change and the limiting shear stress changing depending 
on the oil film temperature. 

2. Influence of Spin on Traction Curves
Many of the rolling elements of a traction drive device 

are accompanied by spin at their contact portions. Spin 
will be explained by taking a toroidal continuously 
variable transmission as an example. As shown in Figure 
3, spin is a rotational motion that occurs when a rotating 
shaft of the two contacting rolling elements and the 
tangent plane do not intersect at one point, and its relative 
angular velocity is called a spin angular velocity (ωsp). The 
spin angular velocity ωsp is expressed as a difference (ωsp 
= ω1sinθ1 − ω2sinθ2) in the tangential plane normal direction 
component of the angular velocity of the rolling element, 
and the degree of influence is evaluated by a spin ratio (γ), 
a spin parameter (J), or the like. These defining equations 
are as shown in Figure 3, and as can be seen from the 
same equations, in the case of the toroidal continuously 
variable transmission, the spin amount changes frequently 
due to shift operation.

Next, the influence of spin on the traction curve will 
be explained. The authors are developing a high-power 
two-roller traction tester designed to measure the traction 
curves under the conditions of high power and spin, which 
are anticipated for an actual traction drive device10–11). The 
schematic of this test machine is illustrated in Figure 4.  
The tester provides a creep by rotating two rollers at 
different peripheral velocities to measure a traction 
coefficient. In addition to the supply oil temperature, 
peripheral velocity, and contact pressure (clamping force), 
it is possible to adjust the spin ratio by tilting the rotating 
shaft of one of the rollers. An example of the traction 
curves measured with the tester is shown in Figure 5. In 
the drawing, traction curves are depicted in the case where 
there is no spin (referred to as a pure rolling condition) 
and in the case where there is a spin (referred to as a 
spin condition). Operating conditions (peripheral velocity, 
contact pressure, and oil temperature) other than the spin 
ratio are the same. The rheological properties of the oil 
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(traction oil) used in the tests are as shown in Table 1.  
From Figure 5, it is possible to understand that even 
at the same contact pressure, peripheral velocity, and 
oil temperature, the rise of the curve is dulled and the 
maximum traction coefficient is lowered due to the 
influence of spin as compared with the case of the pure 
rolling condition. In addition, when comparing the results 
of Figure 5 (a) and 5 (b), it can be seen that the degree 
of decrease in traction coefficient due to spin is more 
conspicuous in the result of Figure 5 (b) where the spin 
parameter J is larger.

The method for estimating traction curves based on 
creep theory is to calculate, from the traction curve shape 
under pure rolling conditions, a traction shape under 
the same peripheral velocity, contact pressure and oil 
temperature conditions, and the spin condition. Therefore, 
it is possible to conclude that this method is particularly 
effective for a device such as a toroidal continuously 
variable transmission, in which the amount of spin 
fluctuates frequently during operation.

Therefore, this paper proposes the traction curve 
estimation method as an applied version of the 
conventional method based on creep theory and makes an 
evaluation of validity by comparing the estimated result 
of the traction curve with the actually measured result of 
the traction curve. It is to be noted that the actual results 
of traction curves shown below are all obtained with 
the above high-power two-roller traction tester, and the 
rheological properties of the traction oil used in the test 
are as shown in Table 1. 

3. Traction Curve Estimation Based on 
Creep Theory

In this section, a conventional traction curve estimation 
method based on creep theory will be explained.

3.1 Calculation procedure

An outline of the calculation procedure is shown in 
Figure 6 and below.
(1) Element division of contact area

The contact area obtained by Hertzian contact theory 
is divided into elements and a coordinate system 
with the ellipse center set as the origin. In addition, 
distributions of contact pressure P (x, y) and slip 
velocity u (ux, uy) are obtained.

(2) Calculation of shear stress distribution
At each coordinate point, an elastic shear stress vector 
τe and limiting shear stress τL are obtained for the 
comparison. Then, let the smaller one be the shear 
stress τ (x, y) at that coordinate point.

(3) Calculation of traction coefficient
The component area is multiplied by the x direction 
(rolling direction) component τx (x, y) of the shear stress 
at each coordinate point, and the total sum of them 
is taken as traction force Ft to calculate the traction 
coefficient (μ = Ft / Fc).

(4) Generation of traction curve
For each creep rate of the calculation range, a traction 
coefficient is obtained according to the above-described 
procedures (1)–(4).

The shear stress obtained in Procedure (2) will be 
detailed.

Property value Value

Density (Atmospheric pressure, 15°C) 0.934 g/cm3

Kinematic viscosity
40°C 19.74 mm2/s

100°C 4.45 mm2/s

Pressure-viscosity 
coefficient

40°C 21.2 GPa – 1

100°C 14.4 GPa – 1

Table 1  Rheological properties of traction oil
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the pure rolling conditions. Then, this was used as the 
creep rate dependent μmax and also used to calculate the 
limiting shear stress. The result is shown in Figure 8 (b). 
According to Figure 8 (b), it is understood that, under 
the spin condition, the estimation result and the actual 
measurement result also coincide with the negative 
gradient part, and the temperature dependency of the 
limiting shear stress can be taken into consideration.

4. Traction Curve Estimation Using 
Limiting Shear Stress Map

In the conventional method described in the preceding 
section, the temperature dependence of the limiting 

shear stress is indirectly taken into consideration as the 
reduction amount of the traction coefficient with respect 
to the creep rate. However, the amount of temperature 
rise with respect to the creep rate varies depending on 
the heat capacity, which is formulated by the shapes and 
dimensions of the rolling elements of the target device. 
Therefore, in order to enhance the versatility of the 
conventional method, it is better to express the limiting 
shear stress as a function of the oil film temperature.

Therefore, in consideration of the above points, this 
section will improve the conventional method and verify 
the validity of the proposed method.

According to this calculation, the shear stress 
distribution inside the contact ellipse becomes as shown 
in Figure 7. As the creep rate increases, the elastic shear 
stress increases. Therefore, the intersection P with the 
limiting shear stress moves to the left, and the slip region 
(the region reaching the limiting shear stress) expands. 
This corresponds to the process in which the change in the 
traction coefficient dulls as the creep rate increases in the 
traction curve and finally reaches the maximum value. In 
addition, the traction coefficient turns to decrease after 
reaching the maximum value, which results from the 
limiting shear stress decreasing due to temperature rise 
accompanying heat generation by shearing.

It is to be noted that as indicated by the equation in 
Figure 6, the distribution of limiting shear stress is 
assumed to follow the contact pressure distribution. Here, 
as for the maximum traction coefficient μmax, its value 
is treated as being known at the same contact pressure, 
peripheral velocity, and oil temperature as those in 
the calculation conditions and under the pure rolling 
conditions.

3.2. Traction curve estimation results 

Traction curve estimation results obtained by the 
process described in the preceding section (Maximum 
contact pressure Pmax: 2.0 GPa, peripheral velocity U: 
70 m/s, oil temperature Toil: 80°C, spin ratio γ: 0.29) are 
shown in Figure 8 together with the experimental results 
under the same conditions.

When obtaining the results shown in Figure 8 (a), 
the limiting shear stress was calculated using the 
value of μmax obtained from the actual traction curve 
measurement under the pure rolling conditions that are 
also shown in Figure 8 (a). In the region from the rise of 
the traction curve to the maximum traction coefficient, the 
estimation result and the measurement result are mainly 
in agreement. However, they do not match in the region 
after reaching the maximum traction coefficient. This is 
due to the fact that the reduction of the limiting shear 
stress accompanying the temperature rise cannot be taken 
into account in the calculation.

In view of the above, a regression curve (indicated 
by the blue line in Figure 8 (b)) was obtained from the 
negative gradient portion of the traction curve under 
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4.1.  Proposed traction curve estimation 
method

The outline of the calculation procedure of the traction 
curve by the proposed method is shown in Figure 9. The 
basic calculation procedures are the same as those of the 
conventional method described in the preceding section, 
but the way of determining the limiting shear stress is 
different.

For the calculation of limiting shear stress by the 
proposed method, values referenced from the data map 
(limiting shear stress map) are utilized. This limiting 
shear stress map is created from the contact pressure, the 
maximum value τLmax of the limiting shear stress under the 
pure rolling condition, and the estimated value of the oil 
film average temperature calculated using the maximum 
shear stress. The limiting shear stress map prepared from 
the test with high-power two-roller traction tester results 
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4.2. Proposed traction curve estimation result

The traction curve was estimated by the proposed 
method and compared with the actual measurement 
result. The results are shown in Figure 12 and Figure 
13, which show the results when the maximum contact 
pressure is 2.0 GPa and 3.0 GPa, respectively. Also, in 
each figure, the results at different peripheral velocities 
and oil temperatures are shown together.

When comparing the estimation result and the actual 
measurement result in each condition, they are nearly 
identical in the rising portion, the maximum value, and 
the negative gradient portion of the curve.

From the above results, according to the proposed 
method, even if the traction curve actual measurement 
result (the regression curve of the traction curve negative 
gradient part) under the pure rolling condition is 
unknown, the amount of decrease of the limiting shear 
stress due to the temperature increase can be estimated, 
which means that it can be said that the traction curve 
under the spin motion condition can be calculated using it.

5. Conclusion
This paper proposes the traction curve estimation 

method as an applied version of the conventional method 
based on creep theory in order to contribute to the 
guarantee of function and improvement of the performance 
of the traction drive device, together with an evaluation 
of the validity of the proposed method. The results are as 
shown below.
● According to the proposed method, the traction curve 

is obtained while estimating the amount of decrease of 
the limiting shear stress accompanying the temperature 
rise, and therefore the actual measurement result (the 
regression curve of the traction curve negative gradient 
part) used in the calculation by the conventional method 
is unnecessary.

● The traction curve calculated using the proposed method 
is in good agreement with that measured by the high-
power two-roller traction tester, thereby confirming 
that the proposed method is applicable under practical 
operating conditions.

is shown in Figure 10.
The maximum value τLmax of the limiting shear 

stress is obtained as the product τLmax = μmax Pmax) of 
the maximum contact pressure Pmax and the maximum 
traction coefficient. When estimating the traction curve, 
τLmax referred to from the limiting shear stress map is 
substituted into the formula shown in Figure 9 to give the 
limiting shear stress distribution inside the contact ellipse.

As shown in Figure 11, the oil film average temperature 
Tfilm is assumed to be a total of the supply oil temperature 
Toil, the average temperature rise amount ΔTinlet at the 
contact ellipse inlet, the average temperature rise amount 
ΔTsurf of the rolling element surface, and the oil film 
temperature rise amount ΔTfilm relative to the rolling body 
surface temperature (Tfilm = Toil + ΔTinlet + ΔTsurf + ΔTfilm). 
ΔTsurf is obtained such that a value at each point inside the 
contact ellipse is calculated and the resulting values are 
averaged. ΔTfilm is also obtained in the same way.

When creating the limiting shear stress map, as to 
the calorific value q(q = τ·u) per unit area required for 
calculating ΔTsurf and ΔTfilm, it is calculated using the 

peripheral velocity difference ΔU between the rolling 
elements, along with the sheer stress (τ = μmaxPmean) 
obtained from the average contact pressure Pmean (Pmean 
= 2/3 Pmax) according to Hertzian contact theory and the 
measured maximum traction coefficient μmax. On the other 
hand, when estimating the traction curve with reference 
to the created map, q on each coordinate point is obtained 
from the shear stress distribution on the contact ellipse 
and the slip velocity distribution, and these are used for 
calculating the oil film temperature.

It is to be noted that the oil film temperature and 
shear stress distribution change depending on each other 
and therefore both are obtained by iterative calculation. 
In order to obtain the iterative calculation, start with 
applying the supply oil temperature as the initial value 
of the oil film temperature and continue calculations 
until the change in the calculation result of the oil film 
temperature converges within the threshold or until the 
number of repetitions in the calculation number reaches 
the upper limit.
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3. Policy

3.1 Issues

In developing the product line type derivative 
development system, the issues to be resolved were 
extracted from the current development deliverables and 
development process. The main issues are described below.

Issue 1: Clarification of requirements

In the existing development deliverables for the 
development of a product, there is the product 
specification to be created for each component of the 
product. Using software as an example, what is required 

to be implemented as software function specification is 
stated. In addition, there is also a customer requirement to 
be received from the vehicle manufacturers.

However, there was a lack of clarification of descriptions 
connecting customer requirements to software function 
specifications, or software requirements of what is 
required for software. Therefore, even when confirming 
the existing materials and source codes, there was a point 
where the reason for requesting certain functions was 
unclear. That is, explaining which requirement resulted in 
the design/implementation was difficult.

As the system becomes more advanced, the number of 
deliverables decreases. For example, regarding hardware 
and software, which the engineer(s) directly designed 

so far, and continuing with the same development style 
may result in concerns that variations will diverge and 
lead to failure at the development site (Figure 2).

2.3 Target image

In order to respond to the aforementioned problems, 
instead of responding to each market requirement in an 
individually different on-demand manner, it is necessary 
to change to a style that creates products by developing 
differences from the customer requirements through 

forming core assets with a clear reuse strategy. In other 
words, the goal is to break out of the derivative style of 
individually different specification for each product and 
construct a system that allows for providing a derived 
product line type based on core assets (Figure 3).

Here, the object to be treated as the core asset is the 
EPS system as a whole, and the system development is 
regarded as a set of constituent elements in a hierarchical 
structure detailed in Figure 4, and in which core assets are 
built.
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Issue 4: Construction of a development process

In the targeted product line type development style, 
while developing products based on core assets, feedback 
regarding the new commonality found among them is to be 
made into a core asset. This development process should 
also be constructed.

Issues 3 and 4 are both related to the construction of  
the development system, the state of which is shown in 
Figure 6.

3.2 Methodology

As methodologies to cope with the issues of the 
“Component of requirement specification sheet” and the 
“Construction development process” described in item 3.1, 
USDM for the former and PFD for the latter were adopted. 
The reasons are described below.

(1) Component of requirement specification: USDM
USDM is description manners of requirement 
specification. It was determined that its features are 
suitable for resolving issues 1 and 2 (Table 1).

(2) Construction of the PFD development process
PFD is a technique for designing processes. The process 
is positioned as input and output of one or more 
deliverables, and these chains are represented in terms 
of flow diagrams. Also, preparing a process description 
and deliverable definition in correspondence with the 
respective drawings makes possible a clear definition of 
the process and the deliverable.

This technique was deemed useful due to the fact 
that dealing with issues 3 and 4 is required in order to 
clarify the development process, which until recently 
did not exist.

and implemented, the concerned specifications exist. The 
deliverables of the hierarchy that is one level unclear 
therefrom; that is, the hierarchy of the E/E (electric/
electronic) system and even the highest and most unclear 
level EPS system are not the final manufacturing objects 
and therefore the lack of deliverables and the dilution of 
contents are seen occasionally.

Issue 2: Determination and expression of common/
unique subjects

In developing products for multiple automotive 
manufacturers, existing deliverables are independently 
created for each product. For this reason, those that are 
common among the products, or those unique to a specific 
vehicle manufacturer, have not been summarized. It is 
believed that forming effective core assets can be attained 
by understanding that the former can be considered 
commonly reusable and the latter as unique variability. 
This must be examined, as well as methods for considering 

how to express and manage them.
Issues 1 and 2 are both related to the composition of the 

requirement specifications, the state of which is shown in 
Figure 5.

Issue 3: Construction of the hierarchical development 
process

As mentioned in 1, as the system becomes more 
advanced, there is the tendency for the number of 
deliverables to decrease. This is due to the fact that 
deliverables are not constructed because the process of 
hierarchical system development is not clarified.

In order to reliably develop various requirements given 
to the system, a development process must be constructed 
through gradual system refinement for distributing the 
requirements, ranging from the highest hierarchy level 
unclear EPS system layer to the specific layer of creating 
an actual item.
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to properly create an upper hierarchy with few deliverables.
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Successful derivation of requirements, reasons, and 
specifications in this procedure will be filled out as 
items in the USDM format, which makes it possible 
to summarize not only the realization mechanism 
(specifications) but also the background requirements 
together with the reasons (Figure 8).

However, not all will become obvious in the summary 
process. There is also a case in which the background 
(reasons) of the requirements remains unknown despite 
the extraction of the requirements from the specifications. 
In such a case, the “reason” column of USDM remains 
unfilled. However, even in this case, it is possible to clarify 
what is unclear (Figure 9).

With this approach, the following effects were obtained.

· The fact that requirements and reasons could be 
extracted made it possible to summarize the content that 
was previously regarded as tacit knowledge as formal 
intelligence.

· Even if extraction failed, it was possible to gather 
appropriate information and hold discussions by 
narrowing down unclear details.

4.1.2 Summary using the top-down approach

This approach refines the requirement specifications 
gradually. For example, the EPS system can be set as the 
top layer and the E/E System and Mechanical System can 
be set as subcategories, followed by lower layers.

At that time, since the requirement specification of the 
upper hierarchy has been unclear so far, it is necessary to 
decide the policy concerning the granularity description. 
When assuming that the number of hierarchies of USDM 
is composed of three hierarchies (1st requirement → 
2nd requirement → specification), the description of 
specification of USDM in a development hierarchy is that 
work to be done in the development of the next lower 
hierarchy is distributed (that is, the hierarchy of the 
EPS system is responsible for distributing work to the 
Mechanical E/E System). In each development hierarchy, 
an architecture based on the requirement specification of 
the concerned hierarchy is constructed and components 
thereof are identified. By detailing the description of 
the requirement specification so that the specification of 
USDM can be assigned to the constituent element, it is 
possible to distribute with the granularity of the required 
specification and the architecture maintained (Figure. 10).

Moreover, extracting the requirements required for 
the topmost EPS system as the starting point, without 
duplication, clarifies the scope that the lower layer has 
to develop, which leads to optimal solutions for the 
whole system without concerning the optimal solution 
of each component. Ensuring this so-called coverage of 
requirements cannot be achieved with the bottom-up 
approach (Figure 11).

With this approach, the following effects were obtained.
· It was possible to clarify the requirement specifications of 

the upper hierarchy that were previously unclear.
· It was possible to clarify the correspondence relationship 

between the granularity description and the architecture.
· Comprehensive extraction of requirements made it 

possible to examine the optimal solution for the whole 
system.

4. Tackled Contents: Requirement 
Specification Prepared Using USDM

4.1: Clarification of requirements

Issue 1: Clarification of requirements involving two 
problems include requirements that have not been 
clarified for the specification and the number of existing 
products is low at the upper layer. In order to resolve these 
issues, a two-way approach with USDM will be used.

The bottom-up approach is adopted for coping with 
the requirements that have not been clarified for the 
specification. More specifically, the part of tacit knowledge 
that has not been clarified by deriving the requirements 
that are required for the specification in the opposite 
direction from the specification description of the existing 
deliverable will be clarified. It is to be noted that this 
approach covers the development hierarchy in which 
deliverables whose specifications are already described 
(e.g., software function specifications) exist.

In dealing with the lower number of existing products 
at the upper layer, the top-down approach is adopted. A 
clarification was made in a descending manner through 
discussing and organizing again the requirements 
necessary for the EPS system: preparing the PS system 
requirement specifications → E/E System requirement 
specifications → software requirement specifications.

Each approach is described in detail below.

4.1.1 Summarizing the current state using the 
bottom-up approach

In this approach, for example, based on the existing 
software function specifications, the requirement 
specifications are summarized according to the following 
procedure (Figure 7).
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Fig. 8   An example where request and reason could be extracted 
from specifications
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Features Reason for Adoption of Issues

Clearly distinguish between the requirements and 
specifications and summarize the distinctions in a 
hierarchical structure

Issue 1: Clarification of Requirements

It is necessary to clarify not only the specification but also the 
requirements behind it so that the point that makes these distinctions is set 
as a premise that is beneficial for summary. Because clarifying the required 
specification of each hierarchy of the EPS System is desired, it is beneficial 
to summarize the required specification in the form of having a featured 
hierarchical structure.

Describe “Reason” and “Explanation” along with the 
requirements

Issue 1: Clarification of Requirements

To clarify the requirements, clearly stating the reason in the background is 
beneficial for understanding the contents of the request (why you want to 
do it), identifying commonality (is what you want to do the same?), and 
deriving appropriate specifications (whether this method is really suitable).

Description in Excel-based table format

Issue 2: Determination and Expression of Common/Unique Subjects

Excel is a widely used tool and has a high degree of freedom for adding 
rows and columns. USDM also points this out as an advantage, and as an 
example of its application, the implementation of the Traceability Matrix1) 
can be seen. Moreover, it is beneficial as a means to identify and share 
common and unique subjects.

Table 1  Features of USDM and reasons for adoption
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Fig. 7   Extraction of requirements and reasons by bottom-up 
approach
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4.2 Determination and expression of common/
unique subjects

In issue 2: common/unique judgment and expression, 
based on the result of the bottom-up approach of the 
preceding section 4.1, resolving the issue will be made by 
summarizing the requirement specifications in accordance 
with the following procedure (Figure 12).

Here, in Step 1, it was possible to arrange them side 
by side using USDM, but the issue of how to perform 
common/unique expressions found in Step 2 has arisen.

As for how to deal with this issue, expanding the 
description of USDM was considered (Figure 13). The 
● marked columns on the right side are the horizontal 
arrangement of each product performed in Step 1 and 
show a corresponding relationship between description of 
the requirement specification summarized by the bottom-
up approach and product. At a glance, it is possible to find 
the variability of whether it is common among all products 
or whether it is unique to a certain product.

With this approach, the following effects were obtained.
· Construction could be established wherein the common 

and unique were found and the method of expressing the 
resulting contents by expanding USDM was established.

· As a result, it was possible to summarize useful 
information for examining the scope to be covered as core 
assets.
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Fig. 10  Distribution of step-wise requirements in a top-down approach
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· Communication with the concerned persons became 
easier.
Represent processes and deliverables in flow format 
makes it easy to have discussions with the concerned 
persons such as senior managers who do not have prior 
knowledge.

5.2 Construction of the development process 
based on core assets

In the activity of 5.1 above, the process of creating a 
new deliverable is summarized. As the activities after 
building core assets, anticipated developments include, 
for example, (A) new product development, (B) product 
derivative development, and (C) core asset update. Figure 
15 shows the result of examining the entire process with 
the addition of new core assets.

Visualization of the development process using core 
assets clarified the following.

(A) New development process of products
Doing derivative development for products based on 
core assets

(B) Derivative development product
Doing derivative development based on the newly 
developed deliverable according to (A)

(C) Update of core assets
Applying the information compared in (A) and (B) 
to core assets; that is, based on current core assets, 
making upgrades by derivative development.

All the aforementioned three patterns can be regarded 
as some derivative development, making it possible to 
establish visualizations thereof. Therefore, it is possible 
to believe that XDDP (eXtreme Derivative Development 
Process)2) etc., which is a process for derivative 
development, can be applied to each pattern.

5. Approached Contents: Construction 
of Development Process Using PFD

5.1 Construction of the hierarchical 
development process

Regarding issue 3: Construction of the hierarchical 
development process, an attempt was made by clarifying 
the implementation procedure as a process when 
performing the top-down approach in item 4.1.2.

When summarizing requirement specifications as 
USDM using the top-down approach, as described 
above, it is necessary to find an architecture in which 
the correspondence relationship of the requirement 
specification is clarified in each hierarchy.

Assuming that a series of development processes in 
a specific layer is to construct input deliverables to the 
development process of the lower layer, it is possible to 
express the process of the overall system development in 

an overview at the outline level. In PFD, processes can be 
hierarchically represented by double circle notation, so the 
development process of the lower layer is refined using the 
hierarchical representation (Figure 14).

In this way, visualizing the development process with 
PFD provided the following effects.
· It was possible to lead to active discussions about the 

business operation, on such topics as: if this deliverable 
is expressed so far, the lower layer is not a problem; 
this process is to be divided because the deliverable is 
complicated; and the function safety response is done 
here, and these discussions easily generate ideas by 
chain representation.

· Easier recognition of inconsistent information and 
resources became easy.
It is easy to discuss topics related to the constraints, 
such as it is necessary for human resources with such 
knowledge to carry out this process; and the response of 
this process in half a year is no problem.

1
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6. Future Plans
This paper has described that in order to continue 

the business in a diversified and complicated market 
environment, breaking free from the conventional 
development style is necessary, as is refining the 
development step by step from the viewpoint of the entire 
system. This paper also has described establishing core 
assets, setting a goal for change to a product line type 
development based on the core assets, and efforts to 
achieve that goal.

The subsequent activities are to verify the validity of 
the development process for the brush-up by defining 
a hierarchical development process and constructing 
deliverables according to it. The work to be proceeded is 
conversion of specifications and architectures into core 
assets by the bottom-up approach centered on software 
development.

The scheduled plan for making a full-scale transition 
to the target ideals is to be achieved by such that joining 
these two large flows to build deliverables based on a 
series of system development processes, a subsequent 
derivative development based on the core assets is 
implemented in a trial manner based on the process 
definition, and the process is verified and brushed up.
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Weight Reduction of Column-Type EPS 
through Gearbox Thinning 
Takefumi Kichikawa, Tetsuya Koike, and Takayuki Ishii
Steering R&D Center

1. Introduction
  In the 1980s, NSK began to develop electric power 

steering (EPS) systems. EPS systems, which are energy 
saving compared to the conventional mainstream 
hydraulic power steering systems, are environmentally-
friendly products because they do not use hydraulic oil. In 
1989, NSK mass-produced the pinion-type EPS systems 
for light vehicles for the first time in the world. And in 
1990, NSK also started production of column-type EPS 
systems for light vehicles. Since then, NSK has developed 
compact, high power, high performance EPS systems and 
expanded the types of vehicles in which its EPS systems 
can be installed. At present, its EPS systems are also 
applicable to state-of-art models such as hybrid vehicles 
and electric vehicles.

In recent years, movements to further suppress CO2 

emissions have been increasing in order to strengthen 
global environmental conservation throughout the world. 
Especially in Europe, the strengthening of the emission 
regulations such as Euro 6 has begun. Under such 
circumstances, the role of EPS systems for automobiles 
has become increasingly important.

NSK has developed “the World’s Lightest Electric 
Power Steering,” which aims at enhancing environmental 
performance. It achieves a compact, lightweight form 
that contributes to fuel efficiency, and weight reduction 
resulting in becoming 13% lighter than the current 
product was achieved in January 2016 (according to our 
survey in FY2015)1). (Figure 1)

This paper reports on “Weight reduction of column-
type EPS through gearbox thinning,” which is one of the 
aforementioned development efforts, especially aluminum 
casting quality.

Abstract
NSK develops and produces electric power steering (EPS) systems that improve the fuel economy of automobiles and 

reduce their environmental impact. In recent years, calls for environmental conservation have intensified globally, 
making the reduction of CO2 emissions through improved automobile fuel economy more important than ever.

 Lowering weight, improving efficiency, and increasing output are some example methods for improving fuel efficiency 
through EPS systems. For this new development, we focused on reducing EPS weight through gearbox thinning. We 
reduced the weight of the gearbox housing by 20% while satisfying required performance though a casting quality 
prediction method and a FEM analysis of the optimum design method.

Compact torque sensor

Compact reduction gear

Compact gear box

Low environmental impact Safe and reliable

Energy and resource saving

 

Improvement in continuous 
operation of EPS contributes to 
idle reduction.

The initial test added to the 
monitoring function of torque 
sensor contributes to safer 
operation.

Compact and reduced-weight 
components (13% decrease 
compared with conventional 
products) contribute to fuel 
efficiency.

Fig. 1  The world’s lightest column-type EPS system equipped with a tilt mechanism
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product, the porosity content decreased by 84% and the 
maximum porosity size decreased by 88% compared with 
the conventional product. In addition, the porosity content 
ratio of this developed product is very low compared with 
the NSK products so far, and it is considered that the 
quality had also remarkably improved.

It has been confirmed that casting quality higher than 
conventional products can be realized by utilizing casting 
simulation, which proved that this developed product is 
capable in terms of quality even if it is thinned.

6.2 Performance verification result

Performance verification of the developed product was 
carried out according to the in-house standards. Although 
detailed contents of the verification method and the 
verification results are omitted, as shown in Table 1, 
the developed product satisfied the in-house standards 
in terms of both strength and rigidity according to its 
optimum design.

7. Conclusion
It was possible to achieve the production development 

in which the resulting product satisfies the performance 
while achieving a weight saving of 20% compared with 
the conventional product, and the casting quality is made 
higher than before. From now on, the planned activities 
will be conducted, which include applying the manner 
obtained in this development to other aluminum die cast 
parts (column housing, rack housing), and continuing to 
attain weight reduction of the EPS as a whole.
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Performance verification item Result

Impact strength
Impact strength test

Column bending test

Durability strength

Torque operation 
durability strength

Column bending 
durability test

Steering wheel support rigidity Column bending rigidity

Bearing support rigidity Meshing rigidity

Table 1  Performance verification results
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1. Introduction
In recent years, reducing CO2 emissions and improving 

fuel consumption have become major issues for the 
automobile industry regarding environmental problems 
such as air pollution and global warming. In order to deal 
with these issues, environmental regulations are being 
strengthened in each country. In response thereto, NSK is 
now engaging in an effort to reduce the friction and weight 
of hub unit bearings.

Incidentally, as a standard specification for the next-
generation eco vehicle, EVs (electric vehicles) have been 
rapidly spreading in recent years. The EV is designed to 
be powered by an electric motor and therefore the cruising 
distance is considered a current problem. Regarding 
improving the cruising distance, it is important to consider 
how to increase energy efficiency, and as a measure 
of dealing with this, there are regenerative brakes. 
These brakes, which have a structure using an electric 
motor as a generator at the time of deceleration, are a 

method to convert the rotational energy of the tires into 
electric energy and reuse the generated electric energy. 
Conventionally, friction of the hub unit bearing during 
acceleration or low-speed running has been noted as 
energy loss. However, as a factor influencing deceleration, 
the friction of the hub unit bearing has been regarded 
as more important since the invention of regenerative 
braking.

On the other hand, the degree of contribution to the 
hub unit bearing is increasing with respect to steering 
stability as the rigidity of the vehicle body is increased. 
In recent years, the responsiveness, maneuverability, 
and rigidity felt when the steering wheel is turned, along 
with the transient responsiveness assumed by automatic 
driving control, are emphasized as performance that can 
be steered in response to the driver’s intention. For hub 
unit bearings, it is necessary to respond to advanced 
requirements such as consideration of high rigidity and 
transient rigidity.

Abstract
In recent years, environmental regulations regarding CO2 emissions and fuel consumption have spread across the 

world, leading to increased requests for low friction in bearings and weight reduction in particular. Challengingly, 
hub unit bearings require reliability that does not fail even in harsh environments. In terms of reliability design, 
the application of water-resistant grease and high-reliability seals reduces market risk in emerging countries where 
operating conditions are more severe. A 29% reduction in friction has been achieved by incorporating highly functional 
grease and devising an enhanced seal design.

In addition, transitional responsiveness has become increasingly necessary for handling stability in recent years. 
Finding correlations in not only bench tests but also actual vehicle tests will be required in future efforts.

Safety and comfort

Basic functions Does not fail even in harsh environments

Global environment

Efficiency improvement of energy regeneration

Automatic drive assistance

Automobile industry Hub unit bearing

CO2 reduction, fuel consumption reduction

EV conversion (more cruising range is needed)

Comfortable driving (stable maneuverability)

High reliability (Durable/Water-resistant)

Low friction
Weight reduction

High rigidity (responsiveness improvement)

Fig. 1  Required functionality for hub unit bearings
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3 Low-friction Technology

3.1 Low-friction technology in hub unit 
bearings

Figure 7 summarizes the recent efforts for low-friction 
technology in hub unit bearings. The friction of the hub 
unit bearing can be considered to be divided into two 
elements, the interior of the bearing and the seal. The 
friction inside the bearing varies depending on the preload 
and conditions of use, and the friction of the seal varies 
depending on the number and design of the lips, but the 
contribution of both friction inside the bearing and friction 
of the seal are approximately 50% each.

In order to reduce the friction inside the bearing, it is 
effective to optimize the internal design, reduce the base 
oil kinematic viscosity of the grease, and decrease the 
frictional resistance. At NSK, the friction of conventional 
hub unit bearings was reduced by 10% by optimizing 
internal specifications such as ball diameter, raceway 
groove radius, preload, and so on. Another method of 
reducing the base oil kinematic viscosity of the grease is 
combining the two methods above. The internal friction 
of conventional hub unit bearings can be reduced by 25%. 
Details will be explained in Section 3.2.

Regarding low-friction technology of the seal, it is 
effective to reduce reaction force and sliding surface 
friction by optimizing the lip shape. Regarding 

2.3 Improvement of water resistance by grease

Although the effect of improving the water resistance 
by the high-reliability seal is recognized, completely 
eliminating water intrusion remains difficult and 
therefore a trace amount of water may enter the bearing. 
When water is mixed in the grease in the bearing, as 
shown in Figure 5, the water is dispersed as fine particles 
in the grease. When water enters the contact surface 
together with the grease, it is difficult for the grease to 
form lubrication film, and the raceway surface and ball 
come into metallic contact, resulting in abrasion and micro 
cracks and then flaking.

Therefore, waterproof grease, which has been introduced 
to the market, was developed as a technology that can 
make a slight amount of water intrusion harmless.

As shown in Figure 6, the effect of developed grease is 
mainly composed of two actions. One is to adjust the type 
and amount of additives so that water is separated into 
grease as large grains, making it less accessible to the 
contact surface. The other is to form an oxide film thicker 
than the conventional grease on the raceway surface by 
contriving the compounding technique of additives so that 
contact between water and metal can be suppressed.

In fact, as shown in Figure 6, the effect of improving the 
flaking life of waterproof grease has been confirmed in the 
accelerated test under water contamination using a hub 
unit bearing.
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Fig. 6  Technology to make water harmless3)
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3.3 Reduction of seal friction

In most conventional cases, the same grease used for 
the raceway surface inside the bearing is applied to the 
seal. However, in recent years, it has become possible to 
reduce friction at seals also by applying grease dedicated 
to the seal with less viscosity change due to temperature, 
as explained in Section 3.2. Since viscosity change by 
temperature is small, the friction reduction effect due 
to grease characteristics can be expected not only for 
dynamic torque at room temperature but also for seal 
starting torque at low temperature.

In recent years, as a technique for reducing the lip 
friction coefficient, shown in Figure 11, a technology has 
also been developed for reducing friction by increasing the 
surface roughness of the seal lip/slinger and reducing the 
contact area. However, since the airtightness of the lip 
is a contradictory event, balancing between friction and 
airtightness should be considered when designing the lip.

optimization of the lip shape, FEM has optimized it so that 
compatibility between low friction of the seal and high 
muddy water durability can be verified at the design stage. 
By optimizing the lip shape, it is possible to reduce the 
friction of conventional hub unit bearings by about 20%. As 
for the reduction of sliding surface friction, it is possible to 
reduce the friction of the seal by 31% by combining the two 
methods above. Details will be explained in Section 3.3.

As shown in Figure 8, application of the low-friction item 
of the inside of the bearing and the seal makes it possible 
to anticipate a 29% reduction in friction of the hub unit 
bearing.

3.2 Reduction of internal friction of the 
bearing

In general, the internal friction of rolling bearings can be 
expressed by the sum of frictional resistance and stirring 
resistance (Figure 9). Frictional resistance is the friction 
caused by base oil shearing at the contact surface between 
the ball and the raceway surface and generally increases 
as the input load to the bearing increases. On the other 
hand, stirring resistance is the friction caused by viscous 

resistance generated when the ball pushes aside the 
grease and generally increases as the rotation speed of the 
bearing increases. Since hub unit bearings are used under 
heavy load and in a low speed environment, their frictional 
resistance is greater than their stirring resistance.

In order to reduce the frictional resistance, it is effective 
to reduce the friction coefficient of the grease, that is, 
the base oil kinematic viscosity. However, since the base 
oil kinematic viscosity drops remarkably in the high 
temperature region, there is a concern of poor lubrication. 
Therefore, as shown in Figure 10, NSK developed a low-
friction and reliable grease even in high temperature and 
high load range by employing a base oil with less viscosity 
change due to temperature change. As shown in Figure 5,  
this high performance grease has the water resistance 
effect similar to water-resistant grease by adjusting the 
formulation and types of additives.

Since the change in viscosity of grease due to 
temperature is small, not only high temperature 
characteristics but also fretting characteristics at low 
temperature can be expected, as in the case of friction.

This grease has already promoted market development 
mainly in Europe.

Grease

Raceway

Ball
Frictional 
resistance

Stirring 
resistance

Ball

Raceway

Grease

Fig. 9  Image of friction resistance and stirring resistance

Low

Low viscosity at 
low-temperature side

Temperature
Low High

Low viscosity at room 
temperature

High viscosity at 
high-temperature side

Vi
sc

os
ity

 u
nd

er
 a

ct
ua

l u
se

 c
on

di
tio

ns

High

Conventional grease base oil
Viscosity change due to temperature: large

High-performance grease base oil
Viscosity change due to temperature: small

Market usage 
frequency: high

Market usage
frequency: low

Fig. 10  Low-friction concept for high-performance grease

· Dimple· Low-friction grease for seal

Reduction of sliding surface friction

· Dimple processing on lip surface or 
  core metal surface

C
ore

C
ore

C
ore

S
eal lip

S
eal lip

S
eal lip

Fig. 11  Improving low-friction seal technology

Current bearing
specifications

Low-friction
hub unit bearing

Seal

Inside of bearing

Seal

Inside of bearing

Fr
ic

tio
n 

ra
tio

Bearing internal friction: 25% reduction

· Optimization of internal design 
 specifications
· Selection of high-performance grease

Seal friction: 31% reduction

· Optimization of lip shape using FEM

· Low-friction grease for sealing/rough surface

29%
reduction

1.00

0.50

0.00

Fig. 8  Effect of individual friction reduction items





52    Motion & Control No. 29 (June 2018)   Motion & Control No. 29 (June 2018)      53

In the second generation, the rolling friction TR 
between the rolling contact surface and the inner/outer 
ring raceway surface was reduced by optimum design of 
bearing internal specifications.

From Equation (2), when designing the bearing internal 
specifications such as the contact angle α, the number 
of rollers Z, the roller length LWE, the roller diameter 
Da and the like with an emphasis on low friction, the 
other required functions for the bearing, such as life 
and rigidity, will be lowered (Table 1). Therefore, paying 
attention to the fact that tapered roller bearings are 
usually used in pairs, by optimizing the dimensions of the 
two bearings and the balance of the internal specifications, 
as shown in Figure 6, it became possible to achieve low 
friction technology while ensuring lifetime and rigidity. In 
addition to the features of the first generation, optimizing 
the bearing dimensions and internal specification with 
two bearings in combination made it possible to achieve 
a friction reduction of approximately 10% for the first 
generation (Figures 4 and 7)6).

3.3 The third generation

By utilizing NSK’s originally developed long-life 
materials and heat treatment technology (TF series)7), 
reducing the size of bearings became possible. Also, a 
friction reduction was achieved for the second generation 
by reducing the size of bearings.

3 Evolution of Low-friction Technology
In order to realize low-friction technology for tapered 

roller bearings, NSK has made improvements from various 
viewpoints and has developed low-friction tapered roller 
bearings step by step from the first generation of such 
bearings in the 1980s to the sixth generation. The features 
of each generation are explained below.

3.1 The first generation

The sliding friction between inner ring rib and roller 
end face TS can be calculated theoretically by the following 
Equation (1)5).

  TS = e · μ0 · cosβ · Fa · f'(Λ, t, σ) (1)

e: Contact position between roller end face and rib
μ0: Coefficient of friction between roller end face and rib
β: 1/2 of the tapered roller angle
Fa: Axial load
Λ: Oil film parameter
t: Temperature
σ: Roughness

In the first generation, sliding friction between inner 
ring rib and roller end face: TS is reduced by optimization 
of the contact position between roller end face and rib e 
(Figure 3) and the improvement of face roughness σ of the 
inner ring large-rib and roller end face.

Thereby, an approximately 20% reduction of friction 
was realized in the full rotation range compared with the 
standard specification (Figure 4).

3.2 The second generation

It is possible to find TR rolling friction between inner and 
outer ring raceway surfaces and roller rolling surface from 
the following Equation (2)5).

 TR =
Da

Z ReMi +RiMe( ) (2)

Z: the number of rollers
Da: Diameter of roller
Re: Radius of outer ring raceway (Figure 5)
Ri: Radius of inner ring raceway (Figure 5)
Me: Outer ring rolling resistance
Mi: Inner ring rolling resistance
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Performance

Bearing specification

Contact 
angle

Number 
of rollers

Roller 
length

Diameter of 
roller

Low friction High Few Short
Large-

diameter

Low surface 
pressure

Low Many Long
Large-

diameter

Long-life High Many Long
Large-

diameter

Rigidity Low Many Long
Large-

diameter

Table 1  Relationship between specifications and performance
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3.4 The fourth generation

In order to achieve even lower friction for the third 
generation, if the reduction of the number of rollers, the 
reduction of the roller length, and the miniaturization 
are carried out, as shown in Figure 8, a phenomenon, 
known as edge loading, occurs in which the contact surface 
pressure increases locally.

As a countermeasure against this, it is possible to 
suppress the occurrence of edge loading by setting the 
inner and outer ring raceway surfaces to a barrel-shaped 
special crowning shape, as shown in Figure 9.

In the fourth generation, not only by suppressing 
edge loading, but also by optimizing the contact surface 
pressure distribution and reviewing internal specifications 
at the same time, an equal or longer lifetime was secured 
and rigidity with respect to conventional specifications in 
terms of life and support rigidity was supported, enabling 

low friction8).
Figure 10 shows the life evaluation results of the third 

generation and the fourth generation in a comparative 
manner. Both the regular load condition and the heavy 
load condition have a longer lifetime in the fourth 
generation than in the third generation. Figure 11 
shows the rigidity of the third generation and that of the 
fourth generation in a comparative manner. Regarding 
the rigidity, the fourth generation is superior to the 
third generation. Furthermore, as shown in Figures 12 
and 13, an approximately 20% reduction in weight and 
approximately 30% reduction in friction were achieved 
relative to those of the third generation.

As described above, in order to make the tapered roller 
bearing highly functional, it is a very effective technique 
to optimize the crowning shape.
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3.5 The fifth generation

The first generation to the fourth generation have 
achieved stepwise friction reduction by reducing the 
mechanical losses due to sliding friction TS and rolling 
friction TR, and by reducing the size by long-life technology.

In order to further reduce friction, attention was paid 
to the stirring resistance of the lubricating oil, which is 
the third largest friction generation factor, after TS and 
TR. A tapered roller bearing with a plastic cage capable 
of reducing this stirring resistance was developed and 
applied to the fifth generation.

In order to reduce the stirring resistance, it is important 
to control the amount of lubricating oil flowing into the 
bearing, and the shape of the plastic cage was determined 
based on the oil flow analysis result. Figure 14 shows 
two features of the developed plastic cage. The first 

feature is to reduce the oil inflow area on the small end 
side by narrowing the space between the cage and the 
inner ring small rib, and the second feature is to fill the 
internal space with the cage. As a result, it becomes 
possible to supply the required minimum amount of oil 
between the rolling elements and the raceway ring, and an 
approximately 20% reduction in friction was achieved in 
the high-speed rotation region only by applying the plastic 
cage (Figure 15)9). It is to be noted that since the shape of 
this cage is complicated, injection molding using a plastic 
material is adopted for manufacturing, thereby increasing 
the degree of design freedom.

In recent years, the use of low viscosity lubricating 
oil has been increasing for the purpose of improving the 
efficiency of transmissions, but the use of a plastic cage 
further reduces the amount of oil supplied to the interior 
of the bearing, which makes it difficult to secure the 
necessary minimum amount of oil film. In such a case, 
seizure of the tapered roller bearing may occur on the 
sliding surface of the roller end face and the inner ring 
large-rib portion. Therefore, the oil pool shown in Figure 
14 was provided in the cage to improve the lubricity of 
the end face of the roller and the large-rib portion of the 
inner ring. As a result, it became possible to retain the 
lubricating oil on the end face of the roller, and the seizure 
resistance of the roller end face and the large-rib portion 
was improved with respect to the conventional bearing 
using the iron-made cage (Figure 16).

In the fifth generation tapered roller bearing, by 
utilizing the high moldability of the plastic cage, sufficient 
lubricating oil was secured in the necessary portion, and it 
was possible to supply only the minimum required amount 
of lubricating oil that is required in other places. This 
resulted in achieving seizure resistance and improving the 
low-friction technology.
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4. Conclusion
This report has introduced the evolution of low-friction 

technology for tapered roller bearings developed by NSK.
Originally, when reducing friction, other functions such 

as life and rigidity were also lowered, but the reduction of 
friction while maintaining durability has been achieved 
by optimization of internal specifications, utilization of 
materials and heat treatment technology, improvement 
of crowning, and controlling the flow of lubricating, as are 
seen in the first to sixth generations. For tapered roller 
bearings that are applied to the development results of  
all of the first to sixth generations, it is possible to reduce 
the friction by up to 70% of the standard specification 
(Figure 18).

Looking forward, we will continuously contribute to 
improving fuel economy of automobiles by using NSK’s 
four core technologies (tribology, material technology, 
analytical technology, and mechatronics technology) 
to promote the development of new products that meet 
market needs.
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3.6 The sixth generation

Tapered roller bearings are generally used on the high-
torque output side (counter shaft or differential shaft) of 
transmissions. Since the power produced by an engine 
undergoes speed reduction within the transmission, the 
rotation speed of the output shaft is lower than that of the 
input shaft. When the tapered roller bearing rotates at 
low speed, the sliding friction between inner ring rib and 
roller end face: TS shown in Figure 1 and Figure 2 greatly 
affects overall friction in the bearing. As mentioned before, 
in the first generation, sliding friction between inner ring 
rib and roller end face: TS is reduced by optimization of the 
contact position between roller end face and rib and the 
improvement of roughness of the inner ring large-rib and 
roller end face.

In the sixth generation, in which further reduction of 
the sliding friction TS is targeted, by further improving the 
roughness of the inner ring large-rib and roller end face, a 
maximum of a 60% reduction in friction in the low speed 
range and a maximum of a 20% reduction in friction in 
the entire rotation speed range were achieved (Figure 17). 
Compared to the 1980s when the development of the first 
generation was conducted, the processing technology has 
been improved, which makes it possible to further improve 
the roughness of the inner ring large-rib and the roller end 
face.

As this developed product is able to reduce the friction 
in the low speed range without having to change bearing 
size, the number of rollers, and shapes of rolling contact 
surface and raceway surface, it can be expected to apply 
to various transmissions. In addition, when low viscosity 
oil is used, experimental results show that a low-friction 
effect is obtained even in the high speed region, and 
it is a technology suitable for low viscosity lubrication 
environments expected to increase in the future use.
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has the effect of inducing oil to the inner side. Design C 
widens the outlet of oil, thereby increases the amount of 
oil flowing out from the bearing. As a result, the quantity 
of oil running through the whole bearing is increased, 
while the amount of oil running through the inner ring 
side of the bearing remains the same, as shown in Figure 
11 (a). Moreover, the decrease of surface area of the cage 
in contact with oil leads to a reduction in agitation torque 
(shown in Figure 11 (b)).

For the purpose of reducing agitation torque while 
ensuring proper lubrication for the large rib of the inner 

ring, a low-torque tapered roller bearing is developed. 
From the results of the investigation mentioned above, the 
cage designs of cage 6, cage 7 and cage 8 were chosen and 
applied to the low-torque bearing. Figure 12 represents the 
shape of the newly developed bearing. More specifically, in 
the new bearing, a) the distance between the cage and the 
outer ring is much narrower than that of the conventional 
bearing shown in Figure 10 (a), (b) cage bars are thickened 
in the radial direction and (c) shortened in the axial 
direction, and thereby forms an oil path for guiding oil to 
the large rib of the inner ring.

Conversely, as shown in Figure 8, simply narrow the 
inlet of oil around the small rib of the inner ring will 
significantly reduce the oil flow running through the inner 
ring side of the bearing (i.e. oil flow running between the 
cage and the inner ring; see Figure 9). This may cause a 
great drop of the amount of oil around the sliding contact 
surfaces on the large rib of the inner ring. In the case of 
insufficient oil supply for the contact part of the large rib, 
the heat generated by sliding friction becomes excessive, 
which may result in heat-seizure [9].

To avoid heat-seizure, cage shapes that may help 

maintain oil supply around the large rib were examined 
using CFD analysis. According to the calculation results, 
three kinds of cage designs are effective: A. to narrow the 
distance between the cage and the outer ring by increasing 
the thickness of the outer side of the cage (as shown in 
Figure 10 (b)); B. to widen the inlet of oil by enlarging 
the distance between the cage and the small rib of the 
inner ring, and C. to widen or straighten the outlet of oil 
(e.g. shortening the cage, as shown in Figure 10 (c)). As 
shown in Figure 11 (a), the design of A makes it difficult 
for oil to enter the outer side of the bearing and therefore 
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The two bearings used in the examination are presented 
in Figure 16. Test conditions are shown in Table 4. The 
testing machine used in the experiment is shown in 
Figure 17. Figure 18 shows the comparison of agitation 
torque between CFD analysis and experiment. Calculated 
values are qualitatively in good agreement with measured 
results. Thus, it seems reasonable that the CFD analysis 
method can predict the agitation torque of ball bearing 
qualitatively with practical accuracy.

3.2 Development of low-torque ball bearing 

In general, the typical cages used in ball bearings 
can be divided into iron pressed cages and snap plastic 
cages, as shown in Figure 19. 1n the torque measurement 
mentioned in 3.1, an iron pressed cage was used in bearing 
1, and a snap plastic cage was used in bearing 2 (see 
Figure 16). The bearings have the same characteristics 
except for the cages. According to the results of analysis 
and experiment mentioned above, the agitation torque 
caused by snap plastic cages is lower than the torque 
caused by iron ones. So, we focused on plastic cages and 
attempted to optimize the cage shape to further reduce 
agitation torque. From the perspective of oil flow analysis, 
it is considered effective to flatten the uneven shape of the 
cage in the direction of rotation. Based on this idea, flat 
parts (see Figure 20) are added to the concave between the 
ball packets, as shown in Figure 21. This approach is also 
applied to the rib side (see Figure 21) of the cage (where 
usually holes are set in consideration of formability) in 
order to lower agitation torque thoroughly.

2.3.2. Verification of the effect of the low-torque 
tapered roller bearing 

The effect of the low-torque roller bearing is examined 
using CFD analysis. Then the Torque losses and the 
amounts of oil running through the inner/outer ring 
sides of the bearing were measured on the torque testing 
machine shown in Figure 1. The trial piece of the cage in 
the newly developed bearing is made of plastic. 

Figure 13 shows the comparison of measured values 
and calculation results of torque between a conventional 
bearing (the same as the bearing shown in Figure 4 
(a)) and the low-torque tapered roller bearing. The 
two bearings have the same characteristics (which are 
shown in Table l) except for the cages. Under the same 
test conditions as shown in Table 3, the torque of the 
newly developed bearing is 10 % lower than that of the 
conventional one. Based on the analysis result, it can be 
presumed that the low-torque bearing reduces agitation 
torque by about 50 %. As shown in Figure 14, in the newly 
developed bearing, although the quantities of oil running 
through the outer ring side and the whole bearing are 
less than those of the conventional one, the amount of 
oil running between the cage and the inner ring does not 
drop significantly. This means that the low-torque bearing 
supplies an equivalent amount of oil to the large rib of the 
inner ring as the conventional one does, while reducing 
excess oil in the bearing and halving the agitation torque, 
which is confirmed by CFD analysis and experiment.

3. CFD Analysis of Ball Bearings 
Compared to tapered roller bearings, the torque losses 

of ball bearings are small. Therefore, they are increasingly 
used to support motors and power transmission gears 
in hybrid cars [10]. Yet greater reduction of torque is 
required for bearings used in hybrid cars. However, to 
date, it has been considered difficult to further reduce 
torque losses in ball bearings. In this Paper, a low-torque 
ball bearing for hybrid vehicles is developed using CFD 
analysis. It is proven that this ball bearing can cut 
agitation torque and thereby reduces the total torque loss 
significantly in comparison with conventional products.

3.1 Examination of CFD analysis method 

To examine the CFD analysis method for ball bearings, 
the torque losses of two ball bearings used in hybrid cars 
were calculated using the program mentioned above. Then 
the calculated results were compared to measured values 
for verification. The measured values of agitation torque 
were calculated using the method shown in Figure 15. 
When oiling quantity is close enough to zero, the measured 
value of running torque of the bearing may be considered 
the same as the sum of rolling and sliding friction torque.  
Thus, when oiling quantity is not zero, the value of 
running torque minus the sum of rolling and sliding 
friction torque equals the value of agitation torque.

Rotation speed (min-1) 3 000

Oil temperature (°C) 50

Oil viscosity (mm2/s@40°C) 23.6

Oiling quantity (L/min) 1

Table 4  Test Conditions
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4. Conclusion 
A prediction method of the agitation torque and the 

tendency of oil flow in tapered roller bearings and ball 
bearings are developed using CFD analysis. The method 
was verified by experiments. Using this technique, the 
influence of bearing cage design on oil flow and agitation 
torque was investigated and examined, which leads to 
development of low-torque tapered roller bearings and ball 
bearings. Oil flows in these bearings are controlled and 
optimized by specially shaped plastic cages. As a result, 
agitation torque is significantly reduced in comparison 
with conventional products.
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A New Approach for Enhancing 
Performances of Rolling Bearings

Previous researches and developments for extending 
the surface originated flaking life of a bearing have 
focused on improving material strength or reducing stress 
concentrations in the area where flaking occurs [1, 8–11]. The 
test results shown in this paper, however, indicate that 
the surface originated flaking is strongly related to the 
surface roughness of the balls, which are the counterpart 
to the inner and outer rings. The ball surface roughness 
will degrade due to dent formation or wear under 
poor lubrication conditions such as insufficient oil film 
thickness or contaminated lubrication. The degradation 
in ball surface roughness gives rise to the tangential force 
acting on the raceway surface, which reduces the surface 
originated flaking life.

These considerations lead to a new approach for 
extending the service life of rolling bearings operating 
under poor lubrication condition, such as developing a 
method for improving the resistance of the counterpart 
against surface degradation and thereby reduce the 
surface tangential force. 

The surface originated flaking tends to occur on the 
surface of a driven component, as reported in the previous 
paper [20]. In a ball bearing, a raceway is the driven part 
at the center of the contacting area with a high Hertzian 
contact pressure. It is important to improve the resistance 
to surface degradation of the counterpart contacting with 
a part that is susceptible to surface originated flaking 
to extend the life. Therefore, improving the resistance 
to surface feature degradation of a ball would be an 
effective solution to extend the service life of a ball bearing 
operated under poor lubrication conditions.

The Method for Improving Resistance to 
Surface Degradation of Balls

The hardness of a material is one of the most important 
factors affecting resistance to surface degradation. 
Naturally, the harder the material is, the higher the 
wear and dent resistance. The hardness of martensite, 
which is the main phase of a through-hardened bearing 
steel, is roughly determined by the solute carbon content, 
and hardly affected by alloying elements. There is little 
scope to increase the material hardness by increasing the 
hardness of the martensite because the carbon content of  
a bearing steel is already high.

Producing finely dispersed precipitates within the 
martensite can increase the hardness of a material. 
Typically in bearing steels, globular cementite is 
precipitated throughout the material. If the amount 
of cementite is significantly increased, for instance 
by carburizing, then it may precipitate at the grain 
boundaries to form a grain boundary network, which may 
sometimes become a fracture origin. This can be avoided 
by using alloying elements such as molybdenum (Mo), 
vanadium (V), tungsten (W), or titanium (Ti), which form 
carbides that precipitate independently of the cementite. 
These alloying elements are, however, very expensive. 

An inexpensive alloying element such as silicon (Si) can 
be used, although it is less effective in forming carbides. 
Silicon is used in various structural steels, and forms a 
very hard nitride during the nitriding or carbonitriding 
process. Moreover, silicon does not concentrate in the 
cementite and is mostly soluble in the matrix. Therefore, 
where cementite is finely dispersed, silicon is a suitable 
element for promoting additional finely dispersed 
precipitates separate to the cementite in high carbon 
martensite steel such as bearing steels. Consequently, 
a nitrided or carbonitrided material containing high 
quantities of silicon for precipitating silicon nitride 
improves resistance to surface degradation. 

Therefore, finely dispersed silicon nitrides within a 
ball surface were produced by carbonitriding the steel 
containing high quantities of silicon. The steel used for 

Figure 9(a) shows the relationship between the surface 
roughness of inner ring raceway and the flaking life (L10) 
for each ball surface roughness. The flaking life tends 
to increase as the surface roughness of both the inner 
raceway and balls decreases. However, in the case of the 
balls with the highest initial surface roughness (0.209 
μmRa), the flaking life did not change significantly when 
the surface roughness of the inner ring raceway was 
increased. These results indicate that increasing the 
surface roughness of the balls accelerates the peeling 
initiated flaking of the raceway to a greater extent than 
the surface roughness of the raceway itself. 

It is generally known that the greater the surface 
roughness of two contacting surfaces, the greater 
the tangential force [22]. The co-authors also clarified 
experimentally that there is a clear correlation between 
the direction of the surface tangential force and where in 
a crack initiates relative to the dent, or the direction of 
the surface crack propagation, as in the case of ball-on-
rod RCF tests as described above. It was proved that the 
tangential force acting on a contacting surface affects the 
surface originated flaking life. On the basis of previously 
published papers [14–22], these life test results revealed 
that the surface originated flaking life was reduced by 
the increase in the tangential force acting on the raceway 
surface due to the degradation in the surface roughness of 
the balls. 

It is, on the other hand, well-known that RCF life 
correlates with the lubricant film parameter Lambda 
(Λ=hmin/σ; where hmin is the minimum lubricant film 
thickness and σ is the composite surface roughness of two 

contacting surfaces) under clean lubrication conditions 
without debris [24–26]. Skurka [24] and Takata and Aihara [26] 
have reported that the lower the Λ value, the shorter the 
RCF life in a region where the Λ value is three or less. 

The life tests in this study had Λ values of three or less 
depending on the surface roughness combination of the 
inner ring raceway and balls as shown in Table 1. It is 
difficult to separate the influence of Λ from the surface 
roughness on the increase in the surface tangential force 
because metal-to-metal contact increases with an increase 
in the tangential force in lower Λ conditions. Takemura 
et al. [27] pointed out that the larger the composite surface 
roughness of two contacting surfaces, the shorter the 
flaking life, even though the Λ value is the same. However, 
Takemura et al. did not consider the effect of surface 
roughness of each contacting part separately. 

The flaking life L10 data was, therefore, plotted against 
Λ for each ball surface roughness as shown in Fig. 9(b), 
which showed that the flaking life tended to increase as 
Λ increased. However, the flaking life became shorter as 
the ball surface roughness increased, even when the Λ 
value was the same (the flaking life of a bearing composed 
of rough balls and smoother raceways is shorter than 
one composed of smooth balls and rough, even when the 
Λ value was the same). These results indicate that an 
acceleration of the surface tangential force acting on a 
raceway due to an increase in the surface roughness of 
the balls has a greater influence on the surface originated 
flaking life than a reduction in the Λ value.
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FIG. 9 Life test results using 6206 ball bearings with various surface roughness.

TABLE 2  Surface hardness and morphology of balls.

Nitride precipitated ball SAE52100 ball

Surface hardness 892 HV 801 HV

Micrograph of 
surface

20 um 20 um
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Figure 2 shows an enlarged view of the test portion. 
A semi-reflective Cr layer was attached to one side of 
the glass disk specimen. A SiO2 spacer layer was placed 
on this Cr layer. The thickness of the spacer layer was 
approximately 800 nm. A ball specimen was pressed 
against the lower side of this disk specimen. The oil film 
thickness was measured by the spacer layer method [21]. 

A microsyringe pump was used to supply a trace amount 
of lubricating oil to the contact area. The minimum oil 
flow rate provided by the microsyringe pump was 1.67 ×  
10−3 mm3/s. The oil filler port of this microsyringe pump 
was pressed against the disk, as shown in Figure 2, 
and oil was supplied to the contact area based on the 
centrifugal force generated by the rotation of the disk. In 
this manner,  a sufficient amount of lubricating oil was 
already applied to the disk specimen before the start of 
the test—that is, the test was started under fully flooded 
lubrication. In order to keep the centrifugal force acting 
on the lubricating oil constant, the position where the ball 
specimen was to be pressed against the disk specimen was 
fixed at a location 40 mm away from the center of the disk 
specimen. Table 2 gives the specifications of the ball test 
and glass disk specimens, and Table 3 presents the test 
conditions.

Figure 3 shows a view of the interference fringe in 
the contact area. In this study, the oil film profiles 
were observed along the Y-axis (X = 0), which was 
perpendicular to the rolling direction. In this paper, the 
disk rotation center side is referred to as the “inside”, and 
the outer side of the disk is referred to as the “outside”. 

and observed the grease replenishment. Wang et al. [19] 
measured and analyzed the oil film thickness under pure 
rolling reciprocating motions. They found that using the 
EHL theory based on starved lubrication produced results 
very close to the experimental values. 

However, there have been no reports on the oil film 
thickness under steady starved lubrication when the 
ultra-low volume of oil supplied per unit time is uniform. 
In other words, no basic data exist for cases where the 
supplied oil flow rate is controlled in the manner of oil-air 
lubrication. Actually, Chiu [20] had already estimated the 
meniscus distance from the contact center as a function 
of the supplied oil flow rate. Nevertheless, they indicated 
that there was no significant dependence of meniscus 
distance on oil flow rate within their limits examined 
(from 5 to 100 drops per minute). Thus, the present study 
investigated the relationship between the supplied oil 
flow rate and oil film thickness under steady starved 
lubrication where the supplied oil flow rate was kept 
constant. Moreover, these experiments were conducted 
under the ultra-low oil flow rate (less than 1.67 × 10−1 
mm3/s) to reveal the influence of oil flow rate on oil film 
thickness. This paper reports the results.

2. Experimental Methods
Figure 1 shows the schematic of the point contact EHL 

testing machine (ball-on-disk type) used in this research. 
With this device, light was emitted from a white light 
source to the Hertzian contact area, and the interference 
fringe was subjected to a spectrometer. The results were 
photographed with a high-speed video camera. Table 
1 presents the specifications of the high-speed video 
camera. The oil film thickness was calculated from the 
wavelengths of resulting spectroscopic images. 

Image pickup device CMOS

Number of pixels 512 × 512 pixels

Frame rate 500 frames/s

Table 1. Camera specifications.

High speed video camera

Spectrometaer

Light 
source

Steel ball

Servomotor
Load

Glass disk

Microscope

Figure 1.  Schematic of elastohydrodynamic lubrication (EHL) 
testing machine.

Inlet

Inside

Outside

X

Y

Figure 3. Interference fringe.

Steel ballMicrosyringe pump

Glass Disk

SiO2 spacer layer

Semi-reflective Cr layer

Oil

Figure 2. Enlarged view of test portion.

Ball specimen Disk specimen

Diameter 25.4 mm 100 mm

Material SUJ2 BK7 (Glass)

Young’s modulus 210 GPa 73.1 GPa

Poisson's ratio 0.3 0.23

Surface roughness 8.1 nmRa 2.3 nmRa

Table 2. Specimens.
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Figure 5 shows the transition of the oil film profile. 
Immediately after the start of the test, the oil film profile 
was laterally symmetric, and the oil film became thinner 
only on the “outside” over time. The centrifugal force 
generated in the rotating disk acted from the “inside” to 
the “outside”. The oil film only became thinner on the 
“outside” because the lubricating oil became starved 
owing to the effect of the centrifugal force. Wedeven et al., 
observed similar interference fringes in their test results 

[2]. The oil film thickness on the “inside” did not change 
because the lubricating oil applied to the rotation center 
side was replenished under the effect of the centrifugal 
force. 

Figures 6 and 7 show the measurement results when the 
rolling speed was reduced to 1.2 m/s.  Figure 6 shows that 
the starved area 1 h after the start of the test was smaller 
than that shown in Figure 4. Also, Figure 7 shows that the 
position where the oil film became thinner was not located 
at the edge of the “outside” but shifted a little to the inside 
of the contact area. The amount of reduction in the oil film 

3. Experimental Results 

3.1 Preparatory Experiments

First, the transition of oil film thickness without 
oil resupply was measured to find the experimental 
conditions of starved lubrication in this study. A test was 
carried out where a sufficient amount of lubricating oil 
was first applied to the disk specimen, and the results 
confirmed the starved lubrication process. Figure 4 shows 
the transition of the interference fringe when the rolling 
speed was 1.8 m/s. The interference fringe was confirmed 
to be symmetrical about the X-axis. The interference fringe 
lost symmetry 1 h after the start of the test. The thin oil 
film portion called the horseshoe-shaped zone was only left 
on the ‘inside’. The starved area (oil/air meniscus) of the 
EHL inlet region, which was small as shown by the left 
chart of Figure 4, became very large, as shown by the right 
chart. Thus, the starved area extended to the contact area. 

Temperature 25 °C 

Oil Poly-alpha-olefin oil (PAO) 

Kinematic viscosity 19 mm2/s at 40 °C 

Load 29.7 N 

Maximum contact pressure 0.49 GPa 

Radius of Hertzian contact 170 μm 

Contact radius 40 mm 

Rolling speed 0.6 m/s to 1.8 m/s 

Slide-to-roll ratio 0% 

Supplied oil flow rate 0 mm3/s to 1.67 × 10−1 mm3/s 

Table 3. Test conditions. 
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Figure 4. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Rolling speed = 1.8 m/s.
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Figure 6. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Rolling speed = 1.2 m/s.
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Figure 5. Transition of oil film profile: Y-axis. Rolling speed = 1.8 m/s.
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Figure 10 shows the relationship between the rolling 
speed and minimum oil film thickness (minimum values 
on Y-axis). The oil film thickness immediately after 
the start of the test increased with the rolling speed. 
This result is approximately the same as that from the 
Hamrock-Dowson equation [22]. However, when the rolling 
speed was 1.2 m/s or more, higher speeds meant reduced 
oil film thicknesses 1 h after the start of the test. These 
results agree with those of Guangteng et al. [11], Cann et 
al. [12] and Chiu [20]. Based on the above results, the rolling 
speed to reproduce starved lubrication was taken to be 1.8 
m/s in this study. 

Figure 11 shows the chronological changes in the 
minimum oil film thickness. Although no change occurred 
when the rolling speed was low, the oil film thickness 
decreased with time when the rolling speed was high. 
When the rolling speed was 1.8 m/s, the oil film thickness 
was almost constant at approximately 50 nm from 2700 s  
or more after the start of the test. Consequently, in this 
study, lubrication was considered to be in a steady starved 
lubrication 1 h after the start of the test. 

thickness also decreased. These results were caused by the 
fact that the centrifugal force was reduced by the decrease 
in the rolling speed. Because the centrifugal force dropped, 
the racetrack was replenished with lubricating oil from 
the wettability effect of the oil. 

Figures 8 and 9 shows the measurement results when 
the rolling speed was reduced to 0.6 m/s. As shown in 
Figure 8, even 1 h after the start of the test, the starved 
area located at the EHL inlet region did not extend to 
the EHL contact area. Figure 9 shows that the oil film 
profile 1 h after the start of the test underwent almost no 
change compared to the corresponding profile immediately 
after the start. That is, the results confirmed that a lower 
speed produced a smaller centrifugal force acting on the 
lubricating oil, which lessened the tendency for starved 
lubrication.
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Figure 8. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Rolling speed = 0.6 m/s.
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Figure 7. Transition of oil film profile: Y-axis. Rolling speed = 1.2 m/s.
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Figure 9. Transition of oil film profile: Y-axis. Rolling speed = 0.6 m/s.
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Figure 11. Transition of minimum oil film thickness. 
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Figures 14 and 15 show the oil film measurements when 
the supplied oil flow rate was set to 1.67 × 10−2 mm3/s. 
The starved area shown in Figure 14 was larger than that 
shown in Figure 12 but did not extend to the EHL contact 
area. According to Figure 15, the oil film on the “outside” 
was a little thinner in the profile 300 s after the start of 
the test. Therefore, the lubrication was considered to be 
in a state of starved lubrication when the supplied oil 
flow rate was 1.67 × 10−2 mm3/s. Furthermore, the oil film 
thickness was constant 300 s after the start of the test.

Figures 16 and 17 show the oil film measurements when 
the supplied oil flow rate was set to 1.67 × 10−3 mm3/s. 
Figure 16 shows that that the starved area at the EHL 
inlet region was even larger than that in Figure 14 and 
extended to the EHL contact area. Figure 17 shows that 
the oil thickness decreased with time and that the amount 
of reduction was larger on the “outside”.

Figure 18 shows the transition of the minimum oil film 
thickness when the supplied oil flow rate was changed. 
A higher supplied oil flow rate decreased the time for 
the oil film thickness to become constant. In addition, a 
lower supplied oil flow rate produced a thinner oil film 
thickness.

3.2  Relationship between Supplied Oil Flow 
Rates and Oil Film Thicknesses 

The oil film thickness was then measured for different 
supplied oil flow rates, which were changed from 1.67 ×  
10−3 mm3/s to 1.67 × 10−1 mm3/s. The results of these 
measurements are given below.   

First, the oil film thickness was measured when the 
supplied oil flow rate was set to 1.67 × 10−1 mm3/s. Figures 
12 and 13 shows the results of these measurements. 
Figure 12 shows that, 1 h after the start of the test, the 
starved area at the EHL inlet region was larger than that 
immediately after the start of the test. However, it did 
not extend to the EHL area, and the interference fringe 
formed a horseshoe shape that was almost symmetrical 
about the X-axis. According to the oil film profile shown 
in Figure 13, the oil film thickness did not decrease at all. 
Therefore, when the rolling speed is 1.8 m/s, sufficient 
lubrication can be achieved by setting the supplied oil flow 
rate to 1.67 × 10−1 mm3/s. 
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Figure 12. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Supplied oil flow rate = 1.67 × 10−1 mm3/s. Figure 14. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Supplied oil flow rate = 1.67 × 10−2 mm3/s.   
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Figure 13.  Transition of oil film profile: Y-axis. Supplied oil flow rate = 
1.67 × 10−1 mm3/s.

Figure 15.  Transition of oil film profile: Y-axis. Supplied oil flow rate = 
1.67 × 10−2 mm3/s.
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4. Discussion 
Figure 19 shows the relationship between the supplied 

oil flow rate Q and minimum oil film thickness hmin 1 h 
after the start of the test. The values resulting from 
the Hamrock-Dowson equation and the measured oil 
film thickness without oil resupply (Q = 0 mm3/s) are 
shown together. When the supplied oil flow rate was 
approximately 10−1 mm3/s or more, oil films formed to 
approximately the same thicknesses as those from the 
Hamrock-Dowson equation. Therefore, fully flooded 
lubrication was achieved in this domain. When the 
supplied oil flow rate was reduced to approximately 10−2 
mm3/s or less, the oil thickness gradually became thinner. 
Consequently, the starved lubrication was assumed to 
occur in this domain. When the supplied oil flow rate 
was reduced to 1.67 × 10−3 mm3/s, the oil film thickness 
was twice or more the corresponding thickness achieved 
without oil resupply. In consequence, even a very low 
lubricant flow rate was confirmed to contribute to 
lubrication. 

Rauscher et al., theoretically determined the 
relationship between the supplied oil flow rate Q and 
thickness h∞ of liquid on a rotating disk [23]. If the radius 
coordinate r on a disk specimen satisfies equation (1), then 
the liquid film thickness h∞ is sufficiently small compared 
to r.

r >>
4π2νω( )9Q2 1/4  (1)

where ν is the kinematic viscosity of lubricating oil and 
ω is the angular velocity of the disk specimen. Therefore, 
they considered the following approximation to hold.

∂r
∂h∞ 0≅  (2)

In this study, the value of Q was so low that Equation 
(1) was sufficiently satisfied. Based on the Navier-Stokes 
equations, they approximated the liquid film thickness h∞ 
by Equation (3).

h∞ 2πω2r2( )3Qν 1/3
=

 (3)

On the other hand, Wedeven et al. [1] experimentally 
estimated the distance Xb from the inlet lubricant boundary 
to the center of the Hertzian contact by Equation (4).

xb = a + ( )hb / hc – 1
2/3 2/3

1/31.21
(Rhc )

a
 (4)

where a is the Hertzian radius, hb is the liquid film 
thickness at lubricant boundary, hc is the central oil film 
thickness and R is the radius of ball specimen. According 
to Equations (3) and (4), the inlet distance xb can be 
calculated if the liquid film thickness h∞ on the disk 
specimen is regarded as the liquid film thickness hb at 
lubricant boundary. 

Furthermore, Hamrock et al. [24] calculated the minimum 
oil film thickness hmin,S under starved lubrication by 
Equation (5).

hmin, S hmin, F
hmin, F

xb

(( ))
– 1

2 0.58

0.25

=

a
R

a

R3.34

 (5)

where hmin,F is the minimum oil film thickness under fully 
flooded lubrication. From those equations, the minimum 
oil film thickness hmin,S under starved lubrication can be 
calculated by the supplied oil flow rate Q. Figure 19 also 
shows the minimum oil film thickness as a function of the 
supplied oil flow rate for the calculated results by Equation 
(5), comparing with the experimental results. It can be 
seen that the calculated results disagree with the results of 
experiments. This is because h∞ was assumed to be hb. In 
fact, the lubricating oil was supplied into a racetrack under 
a centrifugal force. However, Figure 19 indicates that hb 
was much thinner than h∞ due to the racetracks, generated 
behind EHL contact areas.
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Figure 16. Transition of interference fringe: (left) 1 s later, (right) 3600 s later. Supplied oil flow rate = 1.67 × 10−3 mm3/s.
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Figure 18. Transition of minimum oil film thickness.
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Figure 19.  Relationship between supplied oil flow rate and minimum 
oil film thickness (3600 s later).

Figure 17.  Transition of oil film profile: Y-axis. Supplied oil flow rate = 
1.67 × 10−3 mm3/s.
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In recent years, the strengthening of fuel efficiency 
regulations has resulted in demand for improvement of 
the fuel economy of automobiles globally. In automobile 
automatic transmissions, the viscosity of lubricating oil 
is being lowered and the amount of oil is being reduced in 
order to improve fuel economy. Therefore, needle bearings 
used in automatic transmissions are being lubricated less 
and the operating environments are becoming increasingly 
severe. Under such circumstances, prevention of early 
damage of the needle bearing and prevention of abrasion 
or the like occurring in a mating part in contact with the 
roller have become key concerns.

NSK has developed a super-long-life needle roller 
that prevents damage such as needle bearing damage 
or abrasion generated in a mating part under a diluted 
lubrication environment and introduces it below.

1. Configuration, Structure, and 
Specifications

Among NSK’s needle rollers, the quenched and tempered 
standard rollers for two kinds of bearing steels, as well as 
the long-life quenched, tempered, and carbonitrided needle 
rollers, are widely used. 

However, under the recent severe lubrication 
environments, there is an increasing number of instances 
in which damage to the needle roller itself or damage to a 
mating part due to metal contact occurs even in long-life 
needle rollers.

Consequently, NSK has developed a product that 
improves the lubrication film between two contact 
surfaces of the long-life needle roller by applying a special 
hardening process to the outermost surface as well as 
forming an oil sump through dimpling of the surface layer. 
(Figure 1) 

2. Features (Figure 2)
(1) Improved lifetime durability

 (Application examples with thrust needle roller 
bearings)
Increasing the hardness of the surface layer of the 

needle roller improved the durability of the roller itself 
under a diluted lubrication environment by more than two 
times, when compared to the long-life needle roller.
(2) Prevention of damage of the mating part

 (Application examples with planetary needle roller 
bearings)
Recesses on the surface of the needle rollers act as oil 

reservoirs and improve the oil film even under diluted 
lubrication environments. This results in the prevention of 
surface damage such as abrasion to the mating parts.

Super-Long-Life Needle Rollers for 
Automobile Transmissions

3. Applications
This technology is most suitable for applications 

involving thrust needle bearings and needle bearings 
for planetary gears used in automatic transmissions. 
These products are able to meet aggressive durability 
specifications from low viscosity lubricating oils and low oil 
volume environments and thus contribute to improving the 
fuel economy of automobiles. 

4. Summary
NSK will propose the optimal needle roller bearing 

technology (standard specification, long-life, and super-
long-life) based on each application and its operating 
environment. 

Conventional
product

Developed
product

Enlarged image of the
surface layer

Shape of the enlarged
surface layer

Appearance

10 mm

10 mm

Fig. 1  Needle roller surface properties developed by special processing

Photo 1   Super-long-life needle roller (planetary needle roller bearing, 
thrust needle roller bearing)

Roller Specification Heat treatment Hardness of 
the surface

Dimple on 
the surface

1

Conventional 
roller

Standard 
Specification

quenching-
tempering Normal None

2
Special heat 

treatment (NSK 
long-life roller)

carbonitriding 
and quenching-

tempering
Normal None

3 Developed product (NSK 
super-long-life roller)

carbonitriding 
and quenching-

tempering
Super hard Available

Table 1  NSK needle roller lineup

Thrust needle roller bearing: 
durability test results

Planetary needle roller bearing: 
abrasion test results

Special heat
treatment

Developed
product

No abrasion found under the
environment resulting in more than
doubled the life, when compared

to the long-life needle roller

More than doubled the life of the
long-life needle roller

Li
fe

tim
e 

du
ra

bi
lit

y

Customer needs before

Customer needs
in the future

Test Condition

Test Result

Load: normal
Lubrication oil: low viscosity
Lubricating environment: dilute

Test Result

Test Condition
Load: high load
Lubrication oil: low viscosity
Lubricating environment: dilute

Estimate life time Estimate life time × 2

Duration

A
m

ou
nt

 o
f p

la
ne

ta
ry

 s
ha

ft
 a

br
as

io
n,

 μ
m

Special heat treatment
Developed product

More than doubled
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(2) Improving layout flexibility
Shrinking only the column pipe portion minimizes 

the space for shrinkage, thereby improving the layout 
flexibility.

3. Summary
Mass production of the plastic pin type internal 

shrinking column that has been introduced is scheduled 
to start.

We remain committed to developing this product in an 
effort to further contribute to increased automobile safety.

Among the three major functions of a vehicle, turning, 
moving, and stopping, the steering column allows turning.

In addition, the steering column not only supports the 
air bag in the event of an accident but also has a function 
to shrink. Therefore, the steering column is required 
to have stable breakaway loads and shrink loads when 
absorbing an impact.

Now, NSK has developed a steering column with 
a breakaway structure using a new mechanism for 
stabilizing the breakaway load at the time of collision. 
This steering column will be introduced below.

1. Configuration, Structure, and 
Specifications

Photograph 1 shows a steering column equipped with 
a breakaway structure that uses the new mechanism. 
Photograph 2 shows the breakaway part, which is the 
main component of the breakaway structure.

The aluminum bracket is fixed onto the column pipe 
with plastic pins. The aluminum bracket is connected 
to the tilt bracket via multi-plates and is fixed when the 
lever is locked. When the lever is released, it is possible 
to change the vertical and axial positions of the steering 
wheel without any restriction.

The structure is configured in such a way that when 
an impact load is delivered from the steering wheel, with 
the aluminum bracket fixed, the plastic pin is sheared 
between the column pipe and the aluminum bracket, and 
then the steering column pipe shrinks (Figure 1).

2. Features (Table 1)
(1) Improving stability of breakaway load

During the separation of the tilt bracket in the 
conventional mechanism, since the breakaway portion 
is attached onto the interface panel, the breakaway load 
varies depending on the accuracy of the mating surface. 
However, a breakaway mechanism using plastic pins in 
the column pipe reduces variation of the moving load, 
thereby improving the stability of the breakaway load.

With the conventional mechanism, the steering column 
falls after shrink, which may cause injury to the occupant, 
making it necessary to design a separate part in order to 
prevent the steering column from falling. With the new 
mechanism, the tilt bracket does not break away, because 
the steering column is held by the tilt bracket, which 
prevents the steering column from falling.

Plastic Pin Internal Contractile Steering 
Column

Impact load

The column pipe shrink 
and fixed aluminum bracket

The sheared plastic pin and 
column pipe shrink

Direction of the 
column pipe 
shrink

The aluminum bracket is fixed
via a multi-plate member.

Shear load is generated in the plastic pin.

Fig. 1  New breakaway mechanism

Photo 1  Steering column with the newly developed product

Photo 2  New breakaway mechanism portion

Item
Conventional column 

mechanism (tilt 
bracket breakaway)

New breakaway 
mechanism

(Plastic pin type 
internal shrinkage 

column)

Stability after 
breakaway load

Fall prevention after 
breakaway

Layout 
flexibility

Table 1   Comparison between a conventional column mechanism 
and the new breakaway mechanism
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